Abstract-Process multi-stage centrifugal compressors have a very wide range of applications in oil, gas and petrochemical industries. One of the major applications is in gas pipeline transports. In this paper, design procedure of process multi-stage centrifugal compressor, by considering one dimensional flow design, is presented. By taking into account that the procedure is specially targeted to design a compressor for gas industry and considering that the ability for test of these kinds of compressors is already available at OTCE Company, therefore result achieved by mentioned procedure is compared by empirical data. In addition, aerodynamics and thermodynamics gas flow governing equations are derived and appropriate correction factors are employed in every individual section in order to fulfill complete design procedure. In this procedure, working fluid flow is assumed as one dimensional flow and considered as real gas. Moreover, the procedure is started from calculation of impeller inlet and it is continued for the other sections including impeller exit, diffuser and volute. Besides, total efficiency, stage efficiency, correction factors and leakages are calculated along with other sections calculations. Finally, the obtained design results are compared with experimental data.
I. INTRODUCTION
Multistage centrifugal compressors ( Fig. 1 ) play essential role in oil, gas, refinery, refrigerating, air conditioning, etc. industries. Due to their wide range of application, these kinds of compressors are so interesting for researchers and engineers to work on. For the first time, late in 19 th century centrifugal compressor was invented by Auguste Rateau. By 1899 he had a single-stage prototype on his test stand compressing 0.5 m 3 /s of atmospheric air to a discharge pressure of 1.5 bar (absolute) at a rotational speed of 20,000 rpm [1] .
In this paper, by considering all mentioned necessities, adapted design procedure of multistage centrifugal compressor under real gas circumstances as well as one dimensional flow is presented. The procedure is started by preliminary design calculation for the whole compressor. Preliminary calculation results are fed to other sections calculations as initial values and by employing numerical iteration methods, key parameters for every individual Manuscript 
II. PRELIMINARY DESIGN
In the very first step of procedure, there are just a few known parameters. Therefore, approximate values for vital parameters should be determined, which will be corrected further by suitable coefficients in the future steps. In this step, suction pressure, discharge pressure, suction temperature and mass flow are given in order to obtain numerical result for rough compressor sizing. Moreover, the procedure must be provided with gas components which are needed to use in an appropriate equation of state so as to determine pseudo-critical properties of working fluid. In this paper based on gas chemical mixture and reasons mentioned in [1] and [2] , LKP equation of state is employed. The equation of state makes available compressibility factor, volume isentropic exponent and temperature isentropic exponent, which help to calculate process suction volume flow from eq. 1.
Furthermore, it is important to know how many stages would be contained in a casing. To specify number of stages, compressor total polytropic head is calculated by eq. 2.
where , and Z are pressure ratio, average isentropic exponent and average compressibility factor respectively. Now, number of stages can be obtained from the following correlation: Dividing total polytropic head by number of stages gives the exact value for stage polytropic head, from which discharge pressure of each stage can be calculated.
To make sure that the compressor is rotordynamically safe, tip speed should be obtained in order to feed in Eq. 4 to determine tip speed Mach number, which is also called machine Mach number to emphasize its importance. In calculation of tip speed, head coefficient is needed that should be extract from Fig. 2 . 
III. IMPELLER INLET SIZING
As Fig. 2 , in impeller inlet optimum eye diameter, blade inlet angle and blade inlet width should be calculated. Therefore, suction volume flow must be corrected for eye section by the following correction factors:
 Heat-up expansion  Inlet loss expansion  Inlet expansion  Recirculation  Cover-Disk leakage To calculate heat-up expansion and cover-disk leakage, it is necessary to obtain balance piston mass flow and cover-disk mass flow (see Appendix).
Applying these coefficients, actual static suction volume flow at eye area will be achieved. This parameter is necessary due to obtain optimum eye diameter by implementing the condition mentioned below.
Clearly, by rearranging relative speed correlation as a function of eye diameter and taking the derivative with respect to eye diameter, it is concluded as:
where 1 / is approximately 0.83-0.88 for impellers with 3D-blades and approximately 1.0-1.12 for impellers with 2D-blades. In addition, to reduce resultant stresses at impeller eye, it is usual to make actual eye diameter some 5% smaller than the obtained optimum value. This reduction is in price of 1% relative velocity increment, which consequently maximizes impeller inlet losses [1] .
To calculate blade inlet angle, inlet velocity triangle is used. The eq. 6 is derived from continuity equation to result impeller inlet width. 
IV. IMPELLER EXIT SIZING
In this section, one of the major discussions is around calculation of impeller exit width. Basis for calculation of exit width (eq. 7), is continuity equation, however, it is involved in obtaining exit flow coefficient and impeller volume ratio. Besides, blade exit angle is not a point to debate due to its consistency for inlet flow coefficient greater than 0.06 [1] . Furthermore, slip factor, work input factor and definition of reaction are presented in this section as well. 
It has been shown from well proven experience that the impeller exit flow coefficient for the subjected impeller has to be function of the flow coefficient (Fig. 3) . Impeller slip factor, which is the dimensionless thermodynamic work, can be calculated from the following empirical correlation [5] :
where ∆ * is an experimentally determined correction. By adding disk friction and shroud leakage work to slip factor, work input factor is resulted. The equation mentioned above plus some experimental and theoretical correction can be used for work input factor. Therefore, as a side effect, a different correction (∆ = −0.017 ± 0.005) is employed.
Reaction is defined as a ratio of static enthalpy to total enthalpy. The correlation can be rearranged in form of exit flow coefficient and work input factor as follow: Adding frictional term and rearranging the formula published in [3] , the angular momentum of viscous flow at an arbitrary location of diffuser can be calculated as per Eq. 11. The procedure presented in [3] , recommends to following a stepwise method, in which calculation carried out for the dimensionless form of Eq. 11.
VI. VOLUTE AND EXIT DIFFUSER SIZING
The aerodynamic design of the volute o scroll remains a rather qualitative and somewhat subjective process [4] . The quadratic internal volute design procedure performs through calculating any through-flow area at entire volute azimuth as per the continuity equation. Rearranging this equation for volute section, Eq. 12 is obtained. Volute consists of two main section, namely curved and straight sections. The curved section start with a quadratic cross section area, which is became rectangular at a specified wrap angle. From the beginning of rectangular section b (radial cross section width) is considered constant and a (axial cross section width) increments.
Moreover, the straight section simply is an area growth in order to convert more kinetic energy into static pressure. Minimum area incensement is calculated from [ where index 5 and 6 are at inlet and exit of straight section, respectively. In order to take in account volute area in mentioned calculation, Eq. 12 is rearranged as follow:
The area factor (AF) normally is 1.0, however it can assume smaller, i.e. 0.7-1.0, which will shift the entire stage characteristic curve to smaller volume flows with a higher head rise to surge [1] .
As Fig. 5 presents, by reducing volute effective area the maximum efficiency drops by less than 1% and as increases the difference between full volute area curve and reduced volute area curve become more notable [1] . Fig. 5 . Influence of the volute size on compressor pol. Efficiency. [1] Each volute is followed by a conical exit diffuser. Since most of the exit diffusers in compressors have a rectangular inlet areas and circular exit area, the stall tends to occur at smaller area ratios [1] . Pressure recovery factor, as per eq. 15, is mostly affected by exit diffuser length and area ratio. where "stat" refers to static and "tot" refers total. According to [1] acceptable value for pressure recovery is more than 0.5, which means area ratio more than 0.3 as well as length/diameter ratio more than 4.5. These values are preferable due to exit diffuser design is secured not to go on stall.
VII. RESULTS
In this section the results obtained by the adapted design procedure with available data comparison is presented. In this paper, an adapted procedure to design different sections of centrifugal compressor was presented. Reviewing the procedure reveals that, there are essential parameters such as tip speed Mach number (machine Mach number), inlet flow coefficient, impeller diameter and so forth, which play major roles in determining compressor polytropic head, and consequently, compressor polytropic efficiency. Therefore, following the presented method concludes in results, which its deviation from reference data is considerably low.
There are some differences between designed volute with referred one. This dissimilarity rises on the grounds that the mentioned method considers minimum optimum values rather than most efficient ones, which lead to an economical design.
APPENDIX
The inevitable parasitic flows through the labyrinth seals of cover-disk and balance piston can be satisfactorily calculated with the following numerical formula [5] : : compressibility factor upstream of seal R: gas constant (kJ/kg K) t 1 : temperature upstream of seal (°C) n: number of sealing tips Number of sealing is normally 5 for cover -disk interlocking seals and 20 to 30 for balance-piston interlocking seals [1] . Since pressure ratio and number of sealing tips are known, using fig. 9 , seal factor can be achieved. 
